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Abstract—The effects of laminar forced flow on buoyancy-induced natural convection cells throughout
the regions of natural, mixed, and forced convection have been numerically investigated for a parallel
planes channel with a discrete heat source. Emphasis is placed on the influence of the inlet flow velocity
and the inclination angle of the channel, and the local buoyancy induced by the discrete source. The results
indicate that the overall Nusselt number of the source strongly depends on the inclination angle (y) in the
natural and mixed convection regimes when y > 45°. On the other hand, the changes in Nu and 0, ,,, are
negligible when the channel is from 0 to 45°, i.e. there is no significant penalty in heat transfer due to the
inclination of the channel up to y = 45°. As Gr increases at a fixed Re, the entrainment of the air from the
downstream exit is observed for the case of aiding flow.

INTRODUCTION

WiTH THE knowledge accumulated from previous
studies on natural or forced convection in vertical
and horizontal channels, considerable attention has
recently turned to mixed convection problems because
of a number of practical applications including
cooling of electronic equipment and devices. As circuit
densities increase at a rate of 30% per year, the heat
flux or thermal dissipation per unit area continues to
multiply [1]. Currently, natural convection and low
Reynolds number forced convection heat transfer are
useful for simple component power levels of the order
of 1-5 W total, with a maximum chip junction tem-
perature of 100°C or so. In a channel with a pressure-
driven external flow, the increasingly high heat flux
from electronic modules heightens the possibility
of complex flows due to the buoyancy effects, which
have been largely ignored in the past. It is important
therefore to understand the interaction between
buoyancy-induced flow and pressure-driven external
flow, and the corresponding heat transfer character-
istics in a channel.

Natural convection cooling of electronic equipment
continues to be an important thermal control mech-
anism in applications such as telecommunications
electronics, in which long time reliability is an over-
riding design criterion, and consumer electronics in
which acoustic noise is undesirable. One of the chal-
lenges of passive cooling is enhancement of the rela-
tively low heat transfer coefficient. It is well known
that even modest increases in through-flow air velocity
can double or triple the heat transfer coefficient from
a discrete component, for example one on a vertically
oriented PCB [2]. In typical passive cooling appli-
cations densely packed vertical boards are oriented in
horizontal shelves or ‘buckets’ as shown in Fig. 1(a).
There are competing mechanisms that determine the
overall thermal performance. The overall induced

mass flow rate scales with the overall cabinet height
[1], but so too does the maximum card temperature,
occurring roughly at the topmost card. A reduction
in the maximum temperature can be achieved by card-
staggering (as shown in Fig. 1(b)) which has been
previously investigated [1]. With the increasing card-
level power density system packaging alternatives are
sought for enhanced thermal management with fixed
maximum component temperature. One potential
packaging alternative is the use of board inclination
as illustrated in Fig. 1(c). We hypothesize that it may
be possible to obtain substantial buoyant lift and
therefore mass flow with reduced maximum card
temperature.

A search of the literature revealed little substantive
information on the effects of inclination in the pro-
posed geometry, especially in mapping regions of heat
transfer enhancement or degradation. The present
work is an effort to elucidate the physics of inclined
channels, with special attention to local buoyancy
effects due to discrete heating and the attendant mixed
convection when flow is induced into the channel by
external means, whether it is by global chimney flow
or fan-induced. We restrict our attention to a single
channel with simplified boundary conditions as shown
in Fig. 2.

PREVIOUS STUDIES

A complete review of the channel flow problem
applied to electronics cooling is presented by Peterson
and Ortega [1]. Kennedy and Zebib [3] presented
results on the effects of free and forced laminar hori-
zontal channel flow with a discrete heat source located
on either the upper or the lower wall, and two heat
sources on both walls. They suggested several guide-
lines for their thermal design of the electronic pack-
ages based on a comparison of the results. Incropera
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gap width [m]

average heat transfer coefficient
Wm K]

H streamwise module length {m]

g gravitational acceleration [m s
Gr  Grashof number, gfgH */kv?

L channel length [m]
N
P
P

=W

u  overall Nusselt number, equation (8)
pressure [Pa]
dimensionless pressure, p/pV3
Pr Prandtl number
g source heat flux W m~7%
Re  Reynolds number, V H/ju

t time [s]

T temperature [°C]

u,v  x-and y-direction velocities [m s™')

U,V x-and y-direction dimensionless
velocities, u/V, and v/V,

x,y  dimensional coordinates [m]

X, Y Xx-and y-direction dimensionless

coordinates, x/H and y/H.

NOMENCLATURE

Greek symbols
B coefficient of thermal expansion [*C "]
” angle of inclination from vertical [*]
0 dimensionless temperature,
(T—T.)/(qH[k)
u dynamic viscosity fkgm ™' s}
v kinematic viscosity, u/p [m*s™']
P density of fluid kg m ]
T dimensionless time, V t/H
o convergence criterion, equation (7).

Subscripts

[ cold wall

0 inlet

max maximum

S module surface.
Superscripts

N number of iterations.

and co-workers have performed a series of numerical
and experimental studies in a rectangular horizontal
channel. Mixed convection in the entrance region was
extensively discussed [4-6]. Conjugate mixed con-
vection from a discrete thermal source or multiple
sources in a rectangular cavity was investigated by
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Papanicolaou and Jaluria [7, 8]. They observed that
the location of the source on the right vertical wall
is the most favorable in terms of cooling, and that
oscillatory flow and thermal fields may develop in the
enclosure depending on the relative location of the
components at high inputs by the components.

)

F1G. 1. Printed circuit boards in a cabinet, (a) in-line boards, (b) staggered boards, (¢) inclined boards.
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F1G. 2. The geometry of the channel with a flush-mounted module.

In a vertical channel with a sudden expansion.
Lin et al. [9] studied the influence of flow separ-
ation and recirculation on the performance of heat
transfer devices. In particular, a flow reversal from
the downstream section which occurs when the inlet
flow rate is smaller than what could be achieved if
the duct was operated in the natural convection flow
mode has been discussed. Elpidorou et al. {10] inves-
tigated mixed convection in a vertical channel with a
finite wall heat source, and their results revealed the
fundamental nature of mixed convection in a vertical
channel.

The effects of inclination angle on the flow and heat
transfer characteristics under buoyancy-assisting flow
conditions have been studied by Naito and Nagano
[11] in the entrance region between parallel plates and
Lin ef al. [12] in a duct with a backward facing step.
Both studies [11, 12] indicated that the inclination
angle could play an important role in the velocity and
temperature fields. A literature survey failed to reveal
a complete investigation from natural to mixed to
forced convection in an inclined chanuel including
buoyancy-opposing flow conditions. The present
study investigates the effects of both buoyancy-assist-
ing and opposing flows in a single inclined channel
with a discrete heat source. Horizontal channels are
also considered. Special attention is given to the
maximum surface temperature on the module in
addition to the overall heat transfer characteristics,

because one of the most important objectives of ther-
mal control in electronic packages is to maintain the
component temperature below the manufacturer’s
maximum specified operating temperature.

FORMULATION AND NUMERICAL
PROCEDURE

The geometry considered is an inclined channel in
which a constant-flux heat source of finite length is
located on one side, while the opposite wall is iso-
thermal as shown in Fig. 2. The module size equals the
channel gap (H = B), and a pressure-driven external
flow is maintained through the channel. The module
is flush-mounted and located from y = 5H (y,) to
y = 6H (y,), and the total length of the channel is 15
times that of the module size (L = 15H). Depending
upon the inclination angle, y, the external flow can
either aid or oppose the buoyancy force. In this study,
we have considered three aiding (y = 0,45 and —45°),
three opposing (y = 180, 135 and —135°), and two
horizontal (y = 90 and —90°) cases. It is assumed that
the inlet and the cold wall temperatures are the same,
ie. T, = T.. Using the Boussinesq approximation, the
dimensionless governing equation for the laminar,
two-dimensional flow are

ou v
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where Gr, Re, and coordinate variables are based on
H, and the dimensionless velocities are based on the
inlet velocity, V.

The corresponding boundary conditions at the
walls are given as

ax ™t

U=V=0 at X=0and]l (5a)
00 Y,
5{‘0 at X =0, 0<Y<ﬁ’
and
Y, L
o0 Y, Y,
= = — LY <=
F3% 1 at X=0 and 7S Y 7 (5¢)
6=0 at X=1. (5d)
The inlet and exit boundary conditions are given as
U=0, V=1, and 6=0 at Y =0 (6a)
oU oV o0 .
o v —=0 if V=0
oY 0, 3y 0, and Y
0=0 if V<0
t Y= L 6b
a =g (6b)

where the exit boundary conditions allow the flow
reversal and the temperature of the entrained air is
the same as the inlet temperature.

A finite-difference method (SIMPLER) has been
adopted, and the numerical procedure is well
described in ref. [13]. The code was validated by solv-
ing the benchmark problem of natural convection in
a square enclosure, and results were compared with
those presented by de Vahl Davis and Jones [14]. The
comparison shows that the overall Nusselt numbers
at the wall computed with our code were within 2%
of the benchmark solutions in ref. [15] for the four
Rayleigh numbers in the range 10°-10°. After a series
of test runs, the convergence criteria for the steady
state were defined as

[V — @] < 107 ¢ (7N

where N and @, respectively, represent the number of

iterations and the dependent variables, i.e. V, U and
f). No significant improvement in the Nusselt number
was observed for tighter convergence criteria. Five
uniform and two non-uniform meshes were tested,
and a 16 x 151 uniform grid was selected for the pre-
sent calculations. The finer uniform mesh, 21 x 201,
changed the heat transfer results very little (e.g. less
than 1% when Gr = 10* and Re = 1). Two non-uni-
form meshes (11 x 101 and 16 x 151) were tested and
the corresponding results showed slower convergence
rates, although we found that non-uniform meshes
noticeably improve the convergence rates for natural
convection problems in enclosures including the
benchmark case with the same code. A similar test
result with the SIMPLER scheme was recently
reported by Lin et al. [15].

Without the transient terms in equations (2)—(4),
steady state solutions were obtained for most of the
cases. In general, the relaxation parameters were (.7
for the dimensionless velocities and 0.9 for the dimen-
sionless temperature, and the typical overall number
of iterations to reach steady state criteria was about
5000. For some opposing cases at Gr = 10°, it was
difficult to achieve converged solutions even by using
extremely low relaxation parameters of 0.1 or less. The
flow patterns exhibit the formation of the secondary
recirculating cells which may trigger the instability of
the flow in the channel. Therefore, experiments would
show unsteady, three-dimensional flows, if not out-
right turbulence. The false transient method was
tested and adopted for those cases, and we were able
to overcome the difficulty of numerical convergence
and instability with small time steps (107 < 7 < 10°).
The overall number of iterations required was as high
as 20000 in order to satisfy the convergence criteria.
When the time step was higher than 10, either diver-
gence or oscillation in the overall Nusselt number
and other dimensionless parameters was observed. An
overall energy balance was used as an additional check
on the accuracy of the result of each run. The differ-
ence between the energy input through the module and
the energy loss through the exit, inlet, and cold wall
ranged from 2-3% for most cases, while the differ-
ence reached as high as 10% for some opposing cases
when Gr = 10°. Computations were performed on
the CONVEX 2490.

RESULTS AND DISCUSSION

Numerical results were obtained for Pr = 0.71, and
0.1 < Re < 500, respectively. The results cover natu-
ral to mixed to forced convection for Gr = 10, 10*
and 10° at various inclination angles. It may be
instructive to relate the dimensionless parameters to
some real values. For H = 1 cmand L = 15c¢m, as an
example, the ranges of the velocity and the heat flux
are 0.016 cm s™' < ¥V, < 784 cm s~ ! and 0.002 W
cm < ¢g<02 W cm~2 Other important dimen-
sionless parameters for the present study are the angle
of inclination (y) and the overall Nusselt number (Nu).
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Here, the overall Nusselt number is defined as

YyH [
Nu = J- [5] dy. (8)
Y\ H X=10

The maximum dimensionless temperature on the
module (6, ... is chosen as an additional parameter
to be carefully examined.

Figure 3 shows the effects of channel orientation on
the recirculating flow pattern at Re = 1 and Gr = 10°.
A recirculation cell is observed due to the local buoy-
ancy for each aiding and opposing case, while a
bicellular flow pattern is observed for the horizontal
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channel cases. The recirculating motions are possible
because the opposite wall acts as a heat sink. It is clear
that the external flow follows the rotational directions
of the natural convection cells for all cases. As a result,
the cells are consistently located near the cold wall for
aiding flow and near the module for opposing flow.
Considering both aiding and opposing mixed con-
vection in a vertical porous annulus with a discrete
heat source, Choi and Kulacki [16] numerically dem-
onstrated the same flow patterns, and they inves-
tigated the effects of the location of the recirculating
cell on the heat transfer results both numerically and
experimentally.
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F1G. 3. Calculated streamlines at various orientations when Gr = 10°, Re = 1.
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The effects of aiding (y =45") and opposing
(y = —135%) imposed flows on buoyancy-induced
convection are visualized in Fig. 4 at Gr = 10*. When
the Peclet number is small (Figs. 4(a) and (d)), flow
and temperature fields retain the major characteristics
of natural convection. With the heat source located
on the left side, the rotational direction of the recir-
culating cell is clockwise for y = —45°. Due to the

C. Y. Caor and A. ORTEGA

rotational direction of the cell, the external flow
pushes the recirculating cell toward the cold wall as
the Peclet number increases, while the flow directly
contacts the heating module. For opposing flows, on
the other hand, the downward external flow follows
the counterclockwise recirculating cell and is swept
toward the cold wall. Consequently, the natural con-
vection cell is pushed toward the heat source as shown

@

F1G. 4. Changes in flow fields with the increase of Re for aiding (a)-(c) and opposing (d)-(f) fiows for
Gr = 10%
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in Figs. 4(d) and (e). Choi and Kulacki [16] reported
that such a ‘trapped’ recirculating cell near the heat
source raises the overall temperature of the heating
surface, and the reduction in the heat transfer
coefficient is significant in a vertical porous annulus.
As the Peclet number further increases, the recir-
culating cells gradually disappear, and the channel
angle becomes an insignificant factor on fluid flow
and heat transfer in the channel.

The effect of module location in a horizontal chan-

3125

nel is presented in Fig. 5. When the heat source is
located at the bottom of the channel, i.e. y = 90°, the
sizes of the recirculating cells are smaller than those in
which the heat source is located at the top (y = —90°).
However, based on the maximum vertical velocity for
each case, the recirculating cells of the bottom-heated
case (Vi = 14.52 at Re = 1) are much stronger than
those of the top-heated case (¥, = 6.38 at Re = 1).
As the Peclet number increases, the external flow sup-
presses the relatively weak recirculating cells for

Y= 90° Re=l
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FiG. 5. The importance of the location of the module in a horizontal channel at low Re for Gr = 10,
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y= —90° at low Re. Figure 5(g) shows that one of dimensionless surface temperatures for y = —90" are
the cells nearly disappears due to the external flow, higher than those for y = 90%; ie. 0. =041 at
while Fig. 5(c) shows that both cells are still activeat Re=1 and 0.37 at Re=5 for y=90", while
the same Peclet number (Pe = 5). Itis also interesting  0,,, =049 at Re=1 and 0.47 at Re=35 for
to observe that the remaining cell in Fig. 5(g) is 7= —90", respectively.

trapped near the heating surface, and such a flow Figures 6(a)—(j) demonstrate the flow development
pattern delays direct contact between the cold external  in a horizontal and bottom-heated channel (y = 90°).
flow and the heated surface. As a result, the maximum  In the natural convection regime, the thermal plume

Re=1
E 3 3 % S ¢ ] ==:% ? 3
@ Fiiiiiiiis TS
. = o T =3 —= T - = 3
(b)
Re=5
@
© £££554%
®
69

(h) —

@
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FiG. 6. Changes in flow and temperature fields with the increase of Re when Gr = 10°, y = 90°.
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is nearly symmetric about the centerline of the module
(Fig. 6(b)), and the plume shifts and stretches toward
the downstream as the Peclet number increases. As
the Peclet number increases further (Figs. 6(g)-(j),
the natural convection cells vanish and forced con-
vection dominates the fluid flow pattern and the heat
transfer process. The corresponding dimensionless
temperature at the bottom wall and the heat flux

3127

through the cold wall are depicted in Figs. 7(a) and
{b). The maximum dimensionless temperature
decreases as Re increases (Fig. 7(a)). In the mixed
convection region, the interaction between the natural
convection cells and the pressure-driven external flow
noticeably influences the surface temperature. For
example, the highest surface temperature at
Y,/H < Y < (Y,/H+D/H) is obtained at Re = 10,
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FiG. 7. Comparison of the dimensionless temperature on the bottom surface and the dimensionless heat
flux through the cold wall at various Re when Gr = 10°, y = 90°.
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since the external flow is heated by the module and
driven by a strong recirculating cell attached to the
cold wall toward the adiabatic region next to the mod-
ule in the downstream. As shown in Fig. 7(b), the
dimensionless heat flux through the cold wall dra-
matically decreases as Re increases. In particular, the
heat flux is nearly zero for Re = 500, and the energy
balance check shows that nearly 100% of the thermal

Gr=10>

Gr=10*

Gr=5x10"

Gr= 10s

C. Y. CHol and A. ORTEGA

energy from the source is convected out of the channel
rather than conducted through the cold wall,

As mentioned earlier, flow reversal at the exit can
occur when the inlet flow rate is restricted at high
Grashof number. For the present study, all of the
aiding cases (i.e. y = —45, 0,45") at Gr = 10° and at
the low Reynolds number range (Re < 10) exhibit this
phenomenon. Figures 8(a)-(h) present the devel-

FiG. 8. Development of a reversed flow and secondary recirculating cells when Re = 5, y = 45°,
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opment of a reversed flow at the exit section of the
channel at Re = § and y = 45°. As the Grashof num-
ber increases, the recirculating cell stretches to the exit
section of the channel, and entrainment of air from
the outside of the channel occurs. It is interesting to
observe the formation of the secondary recirculating
cells in Fig. 8(g), and that as a result of this formation,
the corresponding isothermal lines are distorted as
shown in Fig. 8(h). Considering the limit of zero inlet
flow (Re > 0), Lin et al. [9] suggested that the flow
would start to exhibit a three-dimensional behavior,
and possible transition to turbulent flow might follow.
The present authors cautiously agree with their
suggestion based on the observation of the developing
secondary recirculating cells since those cells may trig-
ger the instability of the flow in the channel. Exper-
imental work is essential to verify this transition.

Based on the ‘five percent deviation rule’ suggested
by Sparrow et al. [17], the natural, mixed, and
forced convection regimes can be determined from
Figs. 9(a)—(c). The figures indicate that the mixed
convection regimes are approximately 1 < Re < 50
for Gr=10°, S<Re< 100 for Gr=10° and
10 < Re < 500 for Gr = 10°. In the limit of natural
convection, the data points scattered because of the
channel orientation. The collapse of the data at high
Re explains that the buoyancy effects—and thus the
effects of orientation—diminish as forced convection
dominates. The reduction in the Nusselt number in
the mixed convection regime has been clearly shown
in Figs. 9(b) and (c), mostly for opposing flows. This
characteristic will be explained later in conjunction
with the flow pattern.

The variations in 0, ,,,,, and Nu due to the inclination
of the channel are shown in Figs. 10-12. At Gr = 10°
(Fig. 10), neither 8, ..., nor Nu are strongly dependent
on y at the natural and forced convection limits, while
0, max SOomewhat increases and Nu decreases at y =
180° in the mixed convection region. The explanation
is that the natural convection cells at Gr = 10° are not
strong enough to influence the flow and temperature
fields in the natural convection regime; ie. the heat
transfer mode is rather close to conduction. As Gr in-
creases (Figs. 11 and 12), however, the variations in
O,max and Nu are significant at the low Reynolds
number range. In the natural and mixed convec-
tion regime, the most desirable situation in the
cooling of the electronic module—the lowest 8, ...,
and/or the highest overall Nusselt number—occurs
when the angle of the channel is 0° < y < 45°, in gen-
eral. For the application of the results of the present
work, perhaps the most significant observation is that
little or no penalty is associated with inclining the
channel up to +45° Figures 11 and 12 also suggest
that the cases as y = —90 and 135° should be avoided
at low Reynolds numbers. In the mixed convection
regime, however, the channel angle for the highest
0, max varies depending upon Re and Gr. For example,
when Gr = 10° as shown in Fig. 12, the worst cooling
situations for the module occur at y = —90 and 135°
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FiG. 9. Comparison of the overall Nusselt number at various
values of Re at (a) Gr = 10°, (b) Gr = 10%, (¢c) Gr = 10°.

for Re = 50, at y = —180 and —135° for Re = 100,
and at y = — 180 for Re = 200, respectively. It is
important to notice that the increase of Re does not
necessarily decrease 6., in the mixed convection
regime for the opposing and the horizontal cases
(y = 135, 180, — 135, and 90°). The influence of the
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F1G. 10. Comparison of the maximum dimensionless temperature and the overall Nusselt number at various
angles for Gr = 10°,

channel angle disappears gradually as the Reynolds
number increases. At this point, it may be interesting
and instructive to see the same trends in terms
of dimensional values. As an example, the maxi-
mum dimensional temperatures are listed in Table 1
at the various Reynolds numbers when Gr = 10%,
T,=27°C,H=1cm,and L = 15cm.

Figures 13(a) and (b) show the results of 6, ., and
Nu as a function of Gr/Re? (known as ‘the Richardson
number’) when the Grashof number is kept fixed at
10°. The lowest 6, .., and the highest Nusselt number
occur at y = 0° and/or 45°. On the other hand, the

highest 6, ,.. and the lowest Nusselt number are
obtained at the various orientation angles. Such a
complexity is mainly due to the flow structure in the
natural and mixed convection regime. It should be
noted that these trends are true for the cases of
Gr = 10° and 10* (the plots are omitted here). Figure
13(b) indicates that the mixed convection regime
ranges approximately 5x 10~! < Gr/Re? < 10°, and
that the reduction of the Nusselt number, as briefly
mentioned earlier, is shown in this region. When
opposing flow is imposed in the mixed convection
regime, a recirculating cell is placed next to the module
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FiG. 11. Comparison of the maximum dimensionless temperature and the overall Nusselt number at various
angles for Gr = 10,

as we observed in Figs. 3(d)—(f). The cell diverts the
cold external flow from the heat source, while main-
taining the relatively warm air inside. Such a flow
structure inefficiently rejects the heat from the module
and raises the surface temperature of the module.
When the heating element is mounted on the top
surface of the horizontal channel (y = —90°), the
strength of the convection cells is relatively weak in
comparison with the cells of the bottom-heated case,
hence, the heat transfer from the module is poor in
the natural convection regime. As a result, the highest
occurs at y= —90° approximately for

GS.ITIBX

Gr/Re’ > 5x 10° (Fig. 13(b)). As Gr/Re® further
decreases {or Re increases), 8,,,, decreases dra-
matically ; i.e. the external flow sweeps away the tend-
ency for the recirculating cells and quickly dominates
the flow field as explained in conjuction with Fig. 5(g).
For the horizontal channel with a module located at
the bottom (y = 90°), a slight reduction in Nu occurs
as Gr/Re® decreases to 10° because the horizontal
forced flow breaks up the active bicellular flow pat-
tern and reduces the overall heat transfer coefficient
until forced convection starts to dominate again.
From observation of Figs. 9-13, one can conclude
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FiG. 12. Comparison of the maximum dimensionless temperature and the overall Nusselt number at various
angles for Gr = 10°.

that the best performance in heat transfer occurs when
y == 0°. From a system packaging point of view, it is
also important to notice that the changes in Nu and
8, max are negligible when the channel is inclined from
0 to 45°, i.e. there is no significant penalty in heat
transfer due to the inclination of the channel up to
y = 45°. We conclude that the practical use of inclined
circuit boards in a cabinet may be possible. We also
note here that further investigation of this potential
geometric arrangement should consider effects of the
overall height of a ‘stack’ of inclined boards.

A reversed flow from the downstream section of the

channel has been observed for y = —45, 0, and 45°
when Re < 10 and Gr = 10°. However, Figs. 9(c),
13(a) and (b) show that 8, and Nu approach
asymptotic values in the natural convection limit, and
thus, no noticeable influence of the reversed flow is
apparent. The authors believe that the additional
buoyancy force due to the cold reversed flow occurs,
while the same reversed flow keeps heated air from
contacting the cold wall and suffocates the air flow
from the downstream of the channel. Such a com-
pensation may produce no apparent influence in the
heat transfer coefficient, although the patterns of
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downstream flow and isotherm are greatly changed as
mentioned earlier. The heat transfer coefficient may
be significantly influenced if the hydrodynamic insta-
bility and the three-dimensional and/or turbulent flow
occur due to the flow reversal. Furthermore, the effect
would be sensed on other components populating the
surface.

CONCLUSIONS

The effects of the pressure-driven flow on the natu-
ral convection cells and the orientation of the channel

have been investigated. Although a simple geometry
has been considered, this study presents important
fundamental aspects of mixed convection. The heat
transfer results explain the importance of the channel -
orientation in the natural and mixed convection
regime. For the opposing and horizontal cases in par-
ticular, the maximum surface temperature on the
module does not always decrease as the external chan-
nel flow rate increases in the mixed convection region
due to the interaction between convection cells and
the external flow. A reversed flow has been observed
and investigated at low Re and high Gr. The flow
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Table 1. Maximum temperatures, T, at various velocities
when Gr =10°, 7. =27'C, L = 15cm,and H= 1 cm

Tl €

Re Vem/s] 7»=180" v = —-90" 3 =0" 7 =90

50.0

I 0.16 518 61.7 55.9
10 1.57 56.4 56.2 46.3 50.2
50 7.84 44.3 42.6 41.2 422

200 359 35.8 358

31.36 35.8

reversal does not noticeably influence the heat transfer
coefficient on the module, although the entrainment
of air from the exit section changes the flow and tem-
perature fields significantly. Such a flow development
suggests a possibility for hydrodynamic instability
and three-dimensional and/or turbulent flow patterns.
The best performance in heat transfer has been
observed when y = 0°; however, no significant differ-
ence in heat transfer coefficient has been observed
when y = 45°. Therefore, the results shed some light
on the practical use of inclined boards in a cabinet,
and encourage further exploration.
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